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Abstract

Structural vibration is the most significant source of structure-borne noise. Avoiding severe resonances of the structures

in order to reduce noise generation is the main interest of engineering fields.

This paper studied a typical example of the structure-borne noise reduction utilized in general engineering practices.

Noise measurement and experimental modal analysis demonstrated that some resonance modes of the structure contribute

highly to noise generation.

The reasons for the noise generation of the resonance modes were visualized through a finite element analysis. Mode

control was employed to reduce the noise from the structure.

Topology optimization, in this research, was used to find the most effective structural configuration as present empirical

designs fail to constrain various resonance modes. Design modifications based on the optimization result reduced the noise

of the targeted mode without any significant design change in the structure. This example showed that the noise of the

structure can be reduced by mode control using topology optimization.

r 2008 Elsevier Ltd. All rights reserved.
1. Introduction

Noise reduction has been a considerable research topic in recent years. Various approaches have been
employed to deal with the noise or vibration problems as the source and transmission path or propagation is
such a diverse phenomenon [1–7]. Among them, structure-borne noise [1,2] is generated by the vibrating
structure and propagated through the ambient environment. Active noise control [3,4] is a common method
utilized to reduce noise propagation but this method is too expensive to apply for mass production. Thus,
passive noise control using dampers, absorption and insulation materials, which dissipate the vibrational
energy or obstruct noise propagation, are preferred [5,7]. Another approach for avoiding the resonances of the
structure is employed in this research to deal with the noise problem in existing engineering practices.

Compressors are the main source of the noise and vibration in air-conditioning units or refrigerators
because the compressor undergoes a severe compression process. There are many noise sources of the
ee front matter r 2008 Elsevier Ltd. All rights reserved.
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compressor such as gas pulsation, acoustic cavity, valves, and shell vibration [8,9]. However, regardless of the
origin of the noise source, the fluctuating pressure of the air or noise generated and propagated from a
structure for one dimension can be described as follows:

r 2p ¼
r0
B

q2r
qt2
¼

1

c2
q2p
qt2

(1)

where r0 is density and B is the adiabatic bulk modulus of the medium. Eq. (1) is the linearized, homogeneous
acoustic wave equation with the fluctuation pressure, pðx̄; tÞ. Using velocity potential f, and particle velocity u,
the relation between the particle velocities and the fluctuation pressure is derived:

u ¼ rf ¼ �
Z

1

r0
~r p dt (2)

Actually, Eq. (2) shows that the fluctuation pressure is directly proportional to the particle velocities
imparted by the vibrating structure [10] and that reduction of the vibration level of the structure will reduce
the noise. With this basic concept, the research for reduction of the noise and vibration of a rotary compressor
is conducted.

Accumulators are attached to the rotary compressor with a pipe, called a standpipe, and a strap as shown in
Fig. 1. The standpipe is a passage for the refrigerant that is to be compressed. A strap fastens the accumulator
to the compressor shell and reduces the vibration motion of the accumulator.

Some researchers have categorized the vibration of compressors in two ways: (1) as bending motions, and
(2) as rigid body motions [8]. Usually, the latter have revealed little contribution to noise generation, which is
the case for vibration motion of the accumulator under 3 kHz. However, using the directivity of the noise
propagation from the compressor, recent research shows that accumulators are the main source of noise at
some frequency ranges [9]. Noise radiated around the compressor is measured and confirms the previous
research results in this research.

The optimization of the geometry as well as topology of the structural layout has a great impact on the
performance of structures. Unlike other methods of optimization, a topology optimization technique can help
Fig. 1. Compressor assembly.



ARTICLE IN PRESS
J. Park, S. Wang / Journal of Sound and Vibration 315 (2008) 836–848838
engineers who have to design a structure from scratch. This does not require a sophisticated initial design, but
any geometry that describes the boundary conditions is enough to start in a topology optimization [11]. By
considering the final pattern obtained from a topology optimization, engineers can obtain essential
information for the initial design. For this reason, topology optimization is adopted extensively in diverse
research and engineering fields such as structural [12–15], electromagnetic [16,17], and heat transfer [18].

In this research, topology optimization results provide a new design to constrain the target modes whereas
the original design fails to the constrain resonant modes.

2. Experimental analysis

2.1. Sound measurement

To understand the noise generation and propagation of the compressor, sound pressure from the
compressor was measured in an anechoic chamber as shown in Fig. 2. In Fig. 2, the most severe noise
frequency range is from 600Hz to 2 kHz, which became the target frequency range of this research.

Along with the averaged non-directional sound pressure, the directional contribution is checked. Sound
pressures measured around the compressor at eight points are shown in Fig. 3. Sound pressure at 270 falling at
the accumulator direction shows a much higher sound level at 1600Hz center frequency on 1/3 octave band
analysis. With regard to the structure-borne noise, it could be inferred that within this frequency range the
structure has significant resonance modes, which contribute to the high-pressure level at 1.6 kHz. Modal tests
are then conducted in order to find the structural resonance of the compressor.
Fig. 2. Sound pressure level of the compressor.

Fig. 3. 1/3 octave analysis of the sound pressure around the compressor: J 800Hz, m 1 kHz, K 1.25 kHz, & 1.6 kHz, ’ 2 kHz.
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2.2. Modal test

Two kinds of modal tests are conducted to investigate the role of the present strap in compressor assembly:
(1) without the strap and (2) with the strap installed. Both the modal tests demonstrate that under a frequency
of 2 kHz the main resonance modes are the rigid body motions of the accumulator, which are caused by the
deformation of the standpipe and first shell bending of the accumulator, which occurs at 3.3 kHz. However,
this is far beyond the targeted frequency range, 600Hz–2 kHz. This result implies that the rigid body motions
of the accumulator under 2 kHz contribute highly to the directivity of sound pressure level at 1.6 kHz on the
1/3 octave band analysis shown in Fig. 3.

Experimental modal analysis results are given and compared with the Finite element (FE) analysis results in
Table 1. Among them, two mode shapes at 908 and 1744Hz are given in Fig. 4 for the strap-uninstalled case.

In Fig. 4, the pivot point of the two modes is the strap, which is intended to reduce the vibration motion of
the accumulator. Therefore, this provides evidence that the present strap and stand pipe are inadequate to
constrain or reduce those vibration motions. Furthermore, those resonant frequencies correspond to the
highest sound level frequencies as shown in Fig. 2.
Table 1

Modal analysis results for strap un-installed assembly

Mode Test (Hz) Analysis (Hz) Error (%)

1st 42 43 2

2nd 52 53 2

3rd 379 361 5

4th 390 397 2

5th 426 406 7

6th 472 471 1

7th 528 484 8

8th 908 933 2

9th 1548 1553 1

10th 1744 1702 2

The italic values in 8th and 10th modes represent strap-uninstalled case.

Fig. 4. Mode shapes of the rigid body motion of the accumulator in modal test: (a) 908Hz, (b) 1744Hz.
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3. Finite element analysis

A finite element model of the compressor assembly, which is composed of all the inner parts such as the
shaft, stator, rotor, and bearings is built for the FE analysis and design change using CAE. Figs. 5 and 6
illustrate the vibration mode of the strap-uninstalled case and strap-installed case, respectively. The spectrum
Fig. 5. Mode shapes of the rigid body motion of the accumulator in FE analysis without a strap: (a) 933Hz and (b) 1702Hz.

Fig. 6. Mode shapes of the rigid body motion of the accumulator in FE analysis with strap: (a) 963Hz and (b) 1742Hz.
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Table 2

Modal analysis results for strap installed assembly

Mode Test (Hz) Analysis (Hz) Error (%)

1st 231 234 1

2nd 390 375 4

3rd 504 448 11

4th 526 483 8

5th 945 963 2

6th 1428 1382 3

7th 1558 1673 7

8th 1746 1742 1

The italic values in 5th and 8th modes represent strap-installed case.
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shows distribution of the strain at those modes. In Figs. 5 and 6, most of the deformation denoted by the
spectrum level, not the translation, take places at the stand pipe. It implies that those resonance modes are due
to the bending deformation of the stand pipe.

Tables 1 and 2 show the comparison of resonance modes between the modal test and FE analysis results for
strap uninstalled and strap installed, respectively. The 8th and the 10th modes for the strap-uninstalled case in
Table 1 fall at the 5th and the 8th modes for the strap-installed case in Table 2. This comparison demonstrates
that the present strap fails to constrain the most dominant modes of noise generation. Considering the mode
shapes in Figs. 4 and 5, as well as the frequency change after installation of the strap, it can be inferred that the
present strap does not work for those modes.

As shown in Figs. 5 and 6, most of the strain takes place at the stand pipe and the other parts of the
structure undergo just rigid body translation. In order to avoid those modes strengthening the standpipe by
increasing the thickness or changing the material did not show any improvement, though there was a minor
frequency shift. Thus, a design change for the attachment of the accumulator to the compressor using
topology optimization was conducted.

4. Topology optimization for the eigenvalue problem

4.1. Design sensitivity formulation for the eigenvalue problem

In the density method, a topology optimization method, the density function Zi in each finite element is
considered as design variables. The relationship between the effective material properties and the given
isotropic material properties is [11,12]

E ¼ ZpE0 (3)

where E0 is the initial material matrix defined as E and n, Young’s modulus and Poisson’s ratio of the given
isotropic material, respectively.

For the eigenvalue problem, the structural equation is

aOðy; ȳÞ ¼ zdOðy; ȳÞ for all ȳ 2 Z (4)

where z is the eigenvalue, y is the eigenvector with respect to z and Z is the space of kinematically admissible
displacement.

In the case of a simple eigenvalue problem, the eigenvalue z is differentiable and the corresponding
Eigenvector y is also differentiable.

The strain energy bilinear form and the kinetic energy bilinear form are written as

aOðy; ȳÞ ¼

Z
O

eTi Eēi dO

dOðy; ȳÞ ¼

Z
O
ryTȳ dO (5)
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where r is the effective density and e is strain. The relationship between r and r0, the given density, is
denoted as

r ¼ Zr0 (6)

The derivatives of E and r with respect to the design variable Z are

qE
qZ
¼ pZp�1E0 ¼

r
Z
ZpE0 ¼

r
Z
E

qr
qZ
¼ r0 ¼

1

Z
Zr0 ¼

1

Z
r (7)

The derivatives of the strain energy bilinear form and the kinetic energy bilinear form with respect to design
variable are written as

½aOðy; ȳÞ�
0 ¼

Z
O

eTi
qE
qZ

ēi dO ¼
p

Z

Z
O

eTi Eēi dO ¼
p

Z
aOðy; ȳÞ

½dOðy; ȳÞ�
0 ¼

Z
O

qr
qZ

yTȳdO ¼
1

Z

Z
O
ryTȳ dO ¼

1

Z
dOðy; ȳÞ (8)

The first variation of Eq. (4) is

½aOðy; ȳÞ�
0 ¼ z0dOðy; ȳÞ þ z½dOðy; ȳÞ�

0 (9)

Since Eq. (4) holds for all ȳ 2 Z, this equation may be evaluated with y ¼ ȳ. Using the normalizing
condition, dOðy; yÞ ¼ 1, Eq. (9) is rewritten as

z0 ¼ ½aOðy; yÞ�
0 ¼ z½dOðy; yÞ�

0 ¼
r
Z

aOðy; yÞ �
1

Z
zdOðy; yÞ (10)

4.2. Optimization problem and result

FE models are constructed for the modal analysis and topology optimization. For the former case, analysis
results are deeply affected by the mesh size. Conversely, for the topology optimization, the optimization
procedure needs both analysis and sensitivity calculations. Therefore, the analysis model is reduced to a design
model because the size of the analysis model is too large to be used for the optimization. Fig. 7 shows the
analysis model and design model, respectively. In the design model, the compressor shell part is regarded as a
rigid wall. Normal mode analysis of the design model gave evidence that a reduction of the model and an
assumption of the rigid wall of the compressor shell did not significantly affect the target modes.

The design variable domain, as shown in Fig. 8, is set between the accumulator and the rigid wall in order to
find the most efficient structural configuration that maximizes the target resonance modes.

The topology optimization is written as

Maximize Eigenvalue of the resonance mode

Subject to Vp0:1V0
(11)

where V is the volume of the design variable at each iteration and V0 is the initial volume. A commercial design
optimization tool (DOT from Vanderplaats R&D) checks convergence of the problem using the sequential
linear programming (SLP).

Using only 10% of the design domain volume, the optimization problem is solved. Fig. 9 shows the history
of the objective function of the optimization procedures. Fig. 9 shows that resonance frequency is shifted
beyond 2.5 kHz. Objective function, resonance frequency, has the value around 1.1 kHz at the starting
iteration because the densities of the design variables are, initially, set to 10% of the given density.

Fig. 10 shows the evolution history of the optimization procedures. Four iterations among the total 51,
shown in Fig. 10, illustrate the sensitivity change of the design variables for the restriction of the target modes.
Density transition of design variables shown in Fig. 10(d) implies the lower part and upper part are the most
important.
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Fig. 7. Analysis and design models: (a) analysis model and (b) design model for optimization.
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The selected elements from final optimization results in Fig. 11 show two separate parts at the upper and
lower region of the accumulator. Elements at the upper parts correspond to the current strap. However,
elements at the lower part of the accumulator indicate that there has to be a new structure to restrict the
resonance mode of the accumulator.

4.3. Reanalysis of the optimization results and considerations

Fig. 12 illustrates the analysis results of the new model embodying the optimization results. For the
optimization model target frequencies are shifted above 2.5 kHz. However, for the new model the resonance
mode of the accumulator occurs at 2141Hz which is lower than the optimization results. The difference of
the analysis results between the optimization model and reconstructed model comes from the re-mesh of the
model and removing low-density element from the design variable domain in Figs. 10(d). Also, the upper part
of the optimization results is not applied to the reanalysis model because there already exist a current strap
and the optimized shape of the upper part is just increasing the stiffness of the present strap.

Finite element analysis employing optimization results of only the upper part showed that an increase in
stiffness of the upper strap was not sufficient for the constraint of the target modes. And, strengthening the
standpipe was not sufficient also. Significant improvement on the performance shown in Fig. 12 was achieved
only with the additional installation of the lower part as shown in the optimization results.

Aside from the local bending deformation of the standpipe that predominates the mode shape of the
resonance mode, there exists some deformation of the accumulator shell in Fig. 12. It shows the difference of
the mode of Fig. 6(b) and Fig. 12. Deformation of the accumulator shell shown in Fig. 12 implies that those
modes occur at a comparatively high-frequency range.

5. Verification with experiment

Structural optimization results show that there should be two separate substructures between the
accumulator and compressor shell. The first exists already at the same place with the current strap and the
latter is suggested to be constructed to the lower part of the accumulator. FE analysis results of the new model
constructed following the optimization results verified optimization results.
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Fig. 9. History of objective function.

Fig. 8. Design variable domain.
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Fig. 10. Evolution history of design variables in the optimization procedures: (a) 9th iteration, (b) 26th iteration, (c) 41st iteration and

(d) the final results and density spectrum.
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To investigate the effect of the inserted block at the lower part of the assembly, modal tests and sound
measurement experiments were carried out. The obtained shape of the optimization results shown in Fig. 13(a)
makes it difficult to install the block into the compressor assembly. Thus, taking the assembling process into
consideration, the modified block shown in Fig. 13(b) is fabricated. The original optimization results of the
lower part, modified block, and modified block-installed assembly are provided in Figs. 13(a), (b) and (c),
respectively.

In Fig. 14, the FRF of the impact tests are compared. As stated previously, the present strap does not work
for the resonance mode at 1.7 kHz as compared to the no-strap case.

Significant frequency shift and reduction of the vibration level is accomplished only with the installation of
the block shown in Fig. 13(c). Generally, the resonance shift from the frequency range of high noise by
stiffening the structure is very effective methodology [19,20]. However, as noted in the modal experiment in
Fig. 14, design modifications not only shift resonance frequency but also reduce the vibration level.
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Fig. 11. Selected elements from the topology optimization: (a) upper part and (b) lower part.

Fig. 12. Distribution of the strain and vibration shape of new model at 2141Hz: (a) side view and (b) front view.
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Increased damping or reduced vibration level shown in Fig. 14 is considered to result from assembling the
blocks with a bolt which has some interfacial contact surfaces. It is well known that joints and fasteners have a
significant effect on the dynamic behavior of assembled mechanical structures [21,22]. More details of the
increased damping go beyond the scope of this research.

In Fig. 15, sound reduction according to the installation of the block at 1.6 kHz on the 1/3 octave band is
presented. As noted in Fig. 15, effective noise reduction is achieved around the targeted frequency range at
which dominant structural resonances disappear as demonstrated in the modal test results in Fig. 14.

In conclusion, noise reduction illustrated in Fig. 15 along with the experimental modal analysis
demonstrates the effectiveness of employing the topology optimization to design a functional structure. The
following comment is addressed for a stress.
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Fig. 13. Practical application of the optimization results: (a) results of the lower part optimization, (b) modified block (lower part) and

(c) block applied model.

Fig. 14. FRF comparisons between without strap model (no strap) and strap installed model (original) and block-installed model (block).

Fig. 15. Sound pressure comparisons according to the block installation.
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(1)
 Topology optimization can be a useful methodology to design a structure from the scratch when the
current system has a missing part or a wrong design.
(2)
 Engineers or researchers using this methodology should be careful to find the basic meaning or purpose of
the optimization results not to stick to the seeming shape. For example, the concave block-shaped
structure in the optimization results is modified into bolted two separate blocks in order to the restrict the
target resonance mode.
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6. Conclusions
Structure-borne noise reduction has been studied for engineering practice through modal analysis and
structural optimization. Sound measurement test was carried out to find the target frequency range, which
contributes highly to noise propagation. Also, directivity from the sound spectrum indicates that the
accumulator is a significant component in the objective frequency range.

Experimental modal analysis is used to figure out the dynamic characteristics of the rotary compressor. Two
of the obtained resonance modes correspond to the highest peaks in the sound spectrum, which implies that
the constraint of those modes will reduce the noise level.

A finite element model with all components of the compressor assembly is constructed and used for modal
analysis. Analyses of these results visualize the reason for the target resonance modes. Topology optimization
of eigenvalue is used to avoid those resonance modes without significantly changing the present structure.
Using the topology optimization results, a block-shaped component is inserted between the accumulator and
the compressor. Sound measurement tests and modal tests with the block-inserted model verify the topology
optimization results. The resulting sound spectrum verifies that a reduced noise level is obtained in the target
frequency range.
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